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Based Pump Redesign to
Improve Efficiency and Decrease
Unsteady Radial Forces
In this study, a double volute centrifugal pump with relative low efficiency and high
vibration is redesigned to improve the efficiency and reduce the unsteady radial forces
with the aid of unsteady computational fluid dynamics (CFD) analysis. The concept of
entropy generation rate is applied to evaluate the magnitude and distribution of the loss
generation in pumps and it is proved to be a useful technique for loss identification and
subsequent redesign process. The local Euler head distribution (LEHD) can represent
the energy growth from the blade leading edge (LE) to its trailing edge (TE) on constant
span stream surface in a viscous flow field, and the LEHD is proposed to evaluate the
flow field on constant span stream surfaces from hub to shroud. To investigate the
unsteady internal flow of the centrifugal pump, the unsteady Reynolds-Averaged
Navier–Stokes equations (URANS) are solved with realizable k–e turbulence model using
the CFD code FLUENT. The impeller is redesigned with the same outlet diameter as the
baseline pump. A two-step-form LEHD is recommended to suppress flow separation and
secondary flow encountered in the baseline impeller in order to improve the efficiency.
The splitter blades are added to improve the hydraulic performance and to reduce
unsteady radial forces. The original double volute is substituted by a newly designed sin-
gle volute one. The hydraulic efficiency of the centrifugal pump based on redesigned
impeller with splitter blades and newly designed single volute is about 89.2%, a 3.2%
higher than the baseline pump. The pressure fluctuation in the volute is significantly
reduced, and the mean and maximum values of unsteady radial force are only 30% and
26.5% of the values for the baseline pump. [DOI: 10.1115/1.4034365]
Keywords: centrifugal pump, entropy generation rate, local Euler head distribution,
pressure fluctuation, radial forces, secondary flow
1 Introduction
The unsteady radial forces and pressure fluctuation induced by
fluid-dynamic blade–tongue interaction are the main reasons for
intense vibrations in vaneless centrifugal pumps. Yao et al. [1]
experimentally studied time–frequency characteristics of pressure
fluctuations in a double suction centrifugal pump, Kaupert and
Staubli [2] performed an experimental investigation regarding the
unsteady pressure field within a high specific speed centrifugal
pump impeller with a double volute. Majidi [3] studied the
impeller–volute interaction in a centrifugal pump by numerical
simulation. Gonzalez et al. [4–6] investigated the effects of differ-
ent blade–tongue radial gap on radial forces and pressure fluctua-
tions, Ye et al. [7] investigated the effects of splitter blades on the
pressure fluctuations in a single volute centrifugal pump. Solis
et al. [8] conducted a study to reduce the pressure fluctuations by
adding splitter blades and by increasing the blade–tongue gap in a
single volute centrifugal pump. Khalifa et al. [9,10] studied the
pressure fluctuations and induced vibrations of a double volute
centrifugal pump and then applied V-cut at blades’ exit to increase
the effective blade–tongue gap which could help reduce
impeller–volute interaction by experiments. To the best of our
knowledge, however, few studies have been conducted to analyze
the unsteady flow field in a double volute centrifugal pump by
numerical methods.
The mean-swirl distribution or blade loading associated to its
streamwise derivative is often given as an important input for
inverse design methods [11–15] in turbomachinery blades design.
Different mean-swirl distributions will result in different internal
flow fields so that it has a great influence on the turbomachinery
performance. Borges [11] pointed out that, for mixed flow pump,
the derivative of mean-swirl distribution should have a smooth vari-
ation on the shroud to avoid unfavorable situation, and should be
constant on the hub to avoid excessive twisted blades. Zangeneh
et al. [12] developed a set of guidelines for mean-swirl distribution
so as to suppress the secondary flow from the hub to the shroud
near suction surface in the impeller. Kruyt and Westra [14] mod-
eled the mean-swirl distribution in a single-parameter form and
investigated the influence of this parameter on the power loss, cavi-
tation, and velocity loading of the impeller. Bing and Cao [15]
modeled the mean-swirl distribution with two parameters, and their
effects on the control of blade wrap angle and internal flow were
well analyzed. Due to the fact that the inverse design method taking
mean-swirl distribution as the input is mostly based on inviscid
flow theory, the mean-swirl distribution in a real viscous flow in
impeller is seldom reported. In this paper, the LEHD which is simi-
lar to the mean-swirl distribution in inverse design is obtained in a
real viscous flow in order to evaluate the internal flow in impeller
and to guide the design of a high efficient impeller.
In this study, a double volute centrifugal pump with relatively
low efficiency and excessive vibration is redesigned to improve
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the efficiency and reduce the unsteady radial forces with the aid of
transient CFD analysis. Two new impellers are redesigned: one is
modified according to a new LEHD and the other is obtained by
adding splitter blades to the previously-mentioned redesigned
impeller. A single volute with larger blade–tongue gap is also
designed. Four combinations of impellers and volutes are investi-
gated by CFD calculations. The internal flow fields are analyzed
in detail to reveal the reasons for efficiency improvement and
reduction in pressure fluctuations and unsteady radial forces.
2 Baseline and Redesigned Geometries
The baseline geometry consists of a seven-blade-shrouded
impeller with an outlet diameter of 0.31 m and a spiral double
volute of trapezoid cross section, as shown in Figs. 1(a) and 2.
The radial gap between the impeller outlet and volute tongue is
19.2 mm, which is equivalent to 6.2% of the impeller diameter.
A new impeller is redesigned on the basis of a new meridional
profile with same outlet diameter as the baseline pump, as shown
in Fig. 1(d). The meridional profiles of two impellers are shown in
Fig. 2, and the detailed parameter comparisons are listed in detail
in Table 1. The reasons for the modification of the meridional pro-
file will be shown in Sec. 4.3. To achieve a higher hydraulic per-
formance and better internal flow, splitter blades are added into
the impeller, as shown in Fig. 1(e). The splitter blade is not the
shorten version of the main blade, but in fact, it is newly designed
blades which try to equally split the main blade channel into two
subchannels with similar cross section. The splitter blade is
defined by three camber lines on the hub, shroud, and midspan
stream surface, respectively. On each constant span stream sur-
face, for any point on the fore part of the splitter blade camber
line, i.e., the black curve shown in Fig. 3, t1 (the distance from the
point on the splitter blade camber line to the pressure surface) is
equal to t2 (the distance from the point on the splitter blade cam-
ber line to the suction surface). The t1 and t2 do not refer to the
pressure surface or suction surface. The rear part of the camber
line, i.e., the stronger black curve shown in Fig. 3, is obtained by
extending the black curve mentioned above with natural curvature
in order to form a smooth camber line. In this way, the trailing
edge of splitter blade is skewed so that the TE of splitter blade
and that of the main blade are no longer paralleled to each other,
as shown in Fig. 1(e). A single volute of circular cross section is
designed with a larger radial gap between impeller outlet and
volute tongue compared to that of the original double volute with
trapezoid cross section, and the ratio of the radial gap to the
impeller diameter is about 23%.
3 Numerical Model and Method
3.1 Computational Domain and Grid. The computational
domain of the centrifugal pump includes suction tube, impeller,
volute, and two extension tubes, as shown in Fig. 4. Unstructured
tetrahedral cell is applied to discretize the computational domain
due to the complexity of the geometry in the grid generation tool
ICEM. The mesh is refined near TE, leading edge, and volute
tongue area so as to better capture the expected flow separation or
high pressure gradient, as shown in the right of Fig. 4. The grid
independence test is performed on baseline pump at the design
flow rate with different grid numbers, and the results are shown in
Fig. 5. In the calculation, the scaled residuals of continuity equa-
tion and momentum equations are reduced to a magnitude below
105, the scaled residuals of turbulence kinetic energy (k) and dis-
sipation rate (e) are reduced to a magnitude below 104. The
Fig. 1 geometry of centrifugal pump: (a) double volute, (b) sin-
gle volute, (c) baseline impeller, (d) redesigned impeller without
splitter blades, and (e) redesigned impeller with splitter blades
Fig. 2 Comparisons of meridional profiles and axial cross section of volute between base-
line and redesigned pumps
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discrepancy of the head in the model with 1.23 106 grids is only
0.7% compared to that in the case of 2.54 106 grids, which is
small enough. So does the power discrepancy which is only 0.6%.
As a result, the number of total grids for subsequent steady and
unsteady calculations is ensured to be larger than 1.23 106 for
different combinations of impellers and volutes in order to get suf-
ficient numerical accuracy.
3.2 CFD Method and Boundary Conditions. The steady
and unsteady incompressible three-dimensional URANS equa-
tions with Realizable k–e model were solved by finite volume
method in the commercial CFD code ANSYS FLUENT 14.5. The
second-order upwind scheme was applied for the discretization of
the convection terms in momentum, turbulent kinetic energy, and
turbulent dissipation rate equations. SIMPLEC algorithm was
employed to deal with pressure–velocity coupling. The second-
order implicit scheme was adopted for transient formulation.
Standard wall functions were applied to simulate the flow in
boundary layer. The five fluid domains were connected by four
pairs of interfaces.
For boundary conditions, the velocity inlet was imposed at inlet
and the pressure outlet was given at outlet for both steady and
unsteady calculations. It is shown by ANSYS [16] that, in unsteady
calculations, the given boundary conditions will result in the
reflection of outgoing waves. As a consequence, the unsteady flow
field in the studied domain, i.e., impeller and volute, will contain
spurious wave reflections. To minimize this effect, two extension
tubes as long as 2 m were placed between the studied domain and
tube ends as shown in Fig. 4.
Steady calculations were first performed by means of multiple
reference frame approach. In this approach, the angular position
of the impeller is fixed during calculation. Sliding mesh tech-
nique, which considers the effects of relative motion between
rotating and stationary meshes, was applied for unsteady simula-
tions. The obtained velocity and pressure fields from steady calcu-
lations were used to initialize the unsteady flow simulations after
convergence. Time step size is set to 1.12994 104 s, which is
equivalent to the time in which the impeller rotated at 1 deg.
Unsteady calculation is found to be periodic after three revolu-
tions of the impeller. Totally, six revolutions of impeller were cal-
culated, and the results of last three revolutions were used for
further analysis. The computational time for each case was
approximately 48 h of central processing unit time on a worksta-
tion with an AMD Opteron processor (16 cores).
Four geometries of impeller and volute combinations were
investigated by CFD calculations, as shown in Fig. 6. For each of
four geometries, steady CFD calculations were performed at dif-
ferent flow rates to obtain the performance curves, while unsteady
CFD calculation was only performed at the design flow rate since
the computational resources are limited.
4 Results and Discussions
4.1 Experimental Validation and Performance Curve. For
each of the four geometries, steady CFD simulations were per-
formed at seven different flow rates. These flow rates correspond
to 20%, 40%, 60%, 80%, 100%, 120%, and 140% of the design
flow rate. To validate the numerical simulations, the CFD results
of geometry #1, i.e., the baseline pump model were compared to
the experimental values, as shown in Fig. 7. Figure 7(a) shows the
comparison in head curve, the calculated head is in good




n (rotational speed, rpm) 1475 1475
Qd (design flow rate, L/s) 152.8 152.8
Hd (design head, m) 25 25
Di (impeller suction diameter, mm) 107.5 117.5
Dh (impeller hub diameter, mm) 37.5 50
Ds (impeller shroud diameter, mm) 107.5 117.5
D2 (impeller outlet diameter, mm) 310 310
b2 (impeller outlet width, mm) 53 55
Zb (number of blades) 7 7/14
Volute type Double Single
b3 (volute inlet width, mm) 102.5 60
D3 (volute tongue diameter, mm) 348.4 453.4
G (radial gap between
impeller outlet and volute tongue, mm)
19.2 71.7
Fig. 3 Schematic of splitter blade design
Fig. 4 Computational domain and grid of centrifugal pump
Fig. 5 Results of grid independence investigation
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agreement with experimental data, the discrepancy at the con-
cerned flow rate range, namely 0.8Qd–1.2Qd, are less than 2%,
while the discrepancy at 1.3Qd can be as large as 4.2%.
In experiments, the motor and impeller of the baseline model
were coupled by a permanent magnet coupling (PMC) so that it is
inconvenient to measure the torque transmitted to the shaft of
impeller. As a result, the input power of the motor was measured
to calculate the total efficiency, which is defined as
g ¼ gmotorgPMCgh, where g is total efficiency, gmotor is the effi-
ciency of motor, gPMC is the efficiency of PMC, and gh is the
hydraulic efficiency. Since the change in the efficiency of motor
and PMC was very small during the operating range, their effi-
ciencies were considered to be constant. The ratio of total effi-
ciency to the efficiency at design flow rate g=gd ¼ gh=ghd is
introduced to minimize the effects of motor efficiency and PMC
efficiency. In this way, it is capable to make the comparison of the
total efficiency obtained by experiments and hydraulic efficiency
calculated by numerical simulations. As shown in Fig. 7(b), the
results predicted by CFD calculation are in good consistence with
those from experiments, while a distinct difference is found in the
prediction of the best efficiency point (BEP). The BEP predicted
by CFD is at 100% design flow rate, while that obtained from
experimental data is near 110% design flow rate. This discrepancy
may be attributed to the tiny variation in motor and PMC effi-
ciency over the operating range.
In general, the accuracy of numerical results at the concerned
flow rate range is validated by this experiment.
Figure 8 shows the performance curves of four geometries
obtained from steady calculations. As shown in Fig. 8(a), the head
of the baseline pump is higher than others in larger and lower flow
rate ranges, while the head of geometry #2 is lower than others,
since the outlet blade angle is designed to be smaller than geome-
try #1. Both of them have a slightly positive slope between 20%
and 40% of the design flow rate; however, after the splitter blades
are added (geometry #3), the head in the whole operating range is
improved and this positive slope becomes more significant. The
head of geometry #4 is improved a little after the double volute is
substituted by the newly designed single volute and its head at
design flow rate is almost the same as that of geometry #1. The
efficiency curves of the four geometries are compared in Fig. 8(b).
Fig. 6 Combination of impeller and volute for CFD calculation
Fig. 7 Comparison of CFD results with experimental data of
geometry #1: (a) comparison in head and (b) comparison in
efficiency
Fig. 8 Calculated performance curves of different geometries:
(a) head curve and (b) efficiency curve
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In geometry #1, the efficiency at the design flow rate is relatively
low, but its efficiency in lower flow rates is higher than others and
the high efficiency range is relatively wide. The highest efficiency
is achieved in geometry #2 at the design flow rate, while the effi-
ciency drops quickly in the higher and lower flow rates, which
results in a narrow range of high efficiency. geometry #3 and
geometry #4 have a similar trend in efficiency curve and they
have higher efficiency in large flow rate range compared to geom-
etry #2. The efficiency of geometry #4 is higher than geometry #3
in the whole operating range. geometry #4 has a higher efficiency
at the design flow rate with nearly no changes in head compared
to that in geometry #1.
The hydraulic performance of the four geometries at the design
flow rate is listed in Table 2 for the discussions in Secs. 4.3
and 4.4.
4.2 Entropy Generation. As stated by Denton [17], the only
rational measure of the loss in an adiabatic machine is entropy
creation. The factors affecting efficiency of fluid machinery can
be better explained using the sources of the entropy where, in an
adiabatic device, the creation of the entropy relates directly to the
destruction of useful works and hence to the loss in efficiency
[18]. It has been used by several researchers to measure the loss
generation in turbomachinery [19,20], but its application in the
computational analysis in pumps is seldom reported. In this paper,
the entropy generation rate per unit volume, r, is introduced to
locate and measure the areas of the loss generation in pumps,













where T is the Reynolds-averaged temperature, while, in general,
the temperature variation inside the pump is negligible; thus, this
Reynolds-averaged temperature is considered to be constant in the
calculation of entropy generation rate. sij is the viscous stress ten-
sor, lt is the eddy viscosity, and l is the dynamic viscosity. The
left and right terms in the bracket represent the shear work associ-
ated with mean and fluctuating velocity gradient, respectively,
and the whole equation reflects the dissipation of mechanical
energy into the entropy. Entropy generation rate can be defined as
an additional variable which can be conveniently calculated on a
point-wise basis from the variables available within a standard
CFD code so that the map of the loss generation is directly visual-
ized in the postprocessing. With the help of entropy generation
rate, the loss in pumps can be assessed quantitatively, thus the
loss generation in different geometries can be compared
comprehensively.
Figures 9(a)–9(d) show the contours of entropy generation rate
per unit volume on the stream surface at 25% span in the impeller
and on the plane at midspan in the volute for the four geometries.
Figures 9(e) and 9(f) show the contours of entropy generation rate
per unit volume on cross section A as shown in Fig. 9(c) and cross
section B as shown in Fig. 9(d), respectively. As illustrated in Fig.
9(a), there are four major effects causing loss generation. Firstly,
high entropy generation areas are spotted at the boundary layer
around the blades, and this is the loss that comes from the friction
between the blade surface and fluid. Secondly, significant entropy
generation is also found in the wake downstream the blade trailing
edge which is the result of flow separation in this area, and it can
be reduced by decreasing the thickness of blade as long as the
strength of blade is guaranteed. Thirdly, in the main flow field,
large areas of loss generation are observed near the pressure sur-
face of the impeller, and nearly half of the blade channels have
been occupied by this intense entropy generation region, thus this
is the main cause of lower efficiency in geometry #1. Fourthly,
the volute is also an important source of the loss generation, espe-
cially in areas near the tongue where the flow coming out of the
impeller impinges on, in addition, the nonuniform flow from the
impeller outlet will also lead to intense entropy generation due to
the mixing of flow with different velocities. The other contours in
Figs. 9(b)–9(d) will be discussed in combination with the contents
in Sec. 4.3. In this way, we can better explain how the changes in
LEHD can increase the pump efficiency.
4.3 Local Euler Head Distribution and Internal Flow
Field. To calculate the energy transfer from the impeller to the
fluid on a constant span stream surface, the conservation of angu-
lar momentum can be used. The constant span stream surface with
a unit width is selected as a control volume as shown in Fig. 10.
Vh is the circumferential component of the absolute velocity, Vm
is the streamwise component of the absolute velocity, they are the
functions of h, and r is the radius. The flow enters the impeller
with the angular momentum L1 and leaves the impeller with angu-
lar momentum L2. It is deduced from Ref. [21] that the theoretical
head can be obtained by Eq. (4). The volumetric flow rate is
defined in Eq. (5). By substituting Eqs. (2), (3), and (5) into Eq.
(4), the theoretical head can be rewritten as Eq. (6). In one-
dimension flow theory, Vm and Vh are assumed constant over the
circumferential direction; thus, Eq. (6) can be transformed to
Table 2 Hydraulic performance at design flow rate
geometry #1 geometry #2 geometry #3 geometry #4
H (m) 26.2 23.1 25.2 26.1
g (%) 86.0 89.6 87.6 89.2
Fig. 9 Contours of entropy generation rate per unit volume on
stream surface (span 5 0.25) of impeller and midspan plane of
volute: (a) geometry #1, (b) geometry #2, (c) geometry #3, and
(d) geometry #4; Contours of entropy generation rate per unit
volume on: (e) cross section A shown in Figs. 9(c) and 9(f )
cross section B shown in Fig. 9(d)
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Eq. (7), which is also known as the classical “Euler’s equation.”
While the real viscous flow inside the impeller is highly three-
dimensional, the variations of Vm and Vh over circumferential
direction cannot be neglected. As a result, the definition given in
Eq. (6) can more precisely represent the energy growth in three-








r2Vh2  qVm2r2dh (3)
Ht ¼































Based on the previous discussion, the local Euler head (LEH) is
defined by Eq. (8)









Euler work ¼ UVh
g
¼ U U Whð Þ
g
(9)
where m and s are streamwise and spanwise directions on the
meridional plane. U is the peripheral velocity defined as the prod-
uct of the angular velocity and local radius, Wh is the circumferen-
tial component of the relative velocity. During the circumferential
integral, the area inside the blade is automatically ignored. The
definition of the LEH in our previous work [22] is the same as
Euler work given in Eq. (9). It is based on Eq. (7), in which the
three-dimensional effects are not considered. To solve this prob-
lem, in this article, the LEH defined in Ref. [22] is weighted by
Vm to represent the major Euler work in viscous flow at a specific
location on meridional plane. It can also be deduced from Eq. (9)
that the increase of the LEH in specific location will reduce the
relative velocity W. Assuming that U and Wm are constant in a
specific location, the increase in the LEH will reduce the value of
Wh and lead to a small value of W.
The local Euler head distribution (LEHD) is proposed to plot
the LEH along the streamwise direction from LE to TE (i.e.,
meridional distance from 0 to 1) on constant span stream surfaces.
The correlation between the blade loading (pressure difference
between the pressure surface and suction surface of the blade) and
the streamwise derivative of the LEH as shown in Eq. (10) is
applied to analyze the detail internal flow inside the blade channel








where superscriptþ and correspond to the values on the pres-
sure and suction side of the blade, respectively, x is the angular
velocity of the impeller, and Vm is the circumferential averaged
streamwise component of the absolute velocity. The streamwise
derivative of the LEH is exactly the slope of the LEHD. It should
be noted that Eq. (10) is obtained from inviscid fluid dynamic
theory and is simplified based on a few assumptions, then it is not
exactly accurate in a viscous flow field. The equation is merely
used to predict qualitatively the tendency of pressure changes on
the blade with respect to the changes in streamwise derivative of
the LEH.
The LEHD in the stream surface from near the hub (span¼ 0.1)
to near the shroud (span¼ 0.9) of geometry #1, 2, 3 is shown in
Fig. 11. The colors from blue to red represent the stream surface
from near the hub (span¼ 0.1) to near the shroud (span¼ 0.9).
Figure 12 shows the relative streamline in constant span stream
surface of span¼ 0.1 (left), span¼ 0.5 (middle), span¼ 0.9 (right)
in geometry #1, 2, 3, correspondingly. The PS and SS in Fig. 12
represent the pressure surface and suction surface, respectively. M
and S posed before PS or SS are related to main blade and splitter
blade, respectively.
As can be seen in Fig. 11(a), the LEHD of the baseline impeller
is almost constant at the first 10%, and in the area near shroud, it
even has a negative slope. Then the LEHD increases continuously
with an increasing slope in meridional distance of 0.1–0.8. After
that the slope gradually decreases to zero. In the inverse design
method, as it is required by the Kutta condition, the blade loading
at the LE and TE should be zero [11]. It can be found in Fig. 11
that the Kutta condition is not necessarily satisfied at the LE in the
viscous flow, while at the TE, the Kutta condition is mainly
achieved in all the three cases.
In Fig. 12(a), a large flow separation area is spotted near the
pressure surface of the blade on the constant span stream surface
near hub, which causes massive entropy generation mentioned as
the third effect in Sec. 4.2. The flow separation has a close rela-
tionship with the LEHD. Since a desired LEH is expected at blade
TE, the unloading at the first 10% of meridional distance is bound
to cause a high load in the rear part of the blade, which will cause
a rapid reduction in relative velocity and a significant reverse
pressure gradient in blade channel. The flow near the pressure sur-
face is more sensitive to this reverse gradient since the relative
velocity is smaller and reverse pressure gradient is higher as com-
pared to that near suction surface. Moreover, the highly curved
profile of hub in meridional plane of the baseline impeller as
depicted in Fig. 2(a) will also cause a reduction in relative veloc-
ity and an increase in reverse gradient. The combined effects of
the high blade loading and high curvature can lead to the flow sep-
aration mentioned above.
The time-averaged blade loading is obtained by plotting the
time-averaged static pressure along the streamwise direction from
LE to TE on the intersection line of blade surface and constant
span stream surface. Figure 13 gives the time-averaged blade
loading of geometry #1–3 on span 0.1, span 0.5, and span 0.9. As
shown in Fig. 13(a), the pressure difference between the pressure
Fig. 10 Control volume in impeller
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Fig. 11 Local Euler head distribution: (a) geometry #1, (b)
geometry #2, and (c) geometry #3
Fig. 12 Relative streamline on blade to blade surface: (a)
geometry #1, (b) geometry #2, and (c) geometry #3
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surface and suction surface of geometry #1 is inconsistent with
the description in last paragraph. A significant reverse pressure
gradient is observed in pressure surface. It is interesting to note
that the blade loading is even higher near the shroud, while
obvious flow separation can hardly be spotted. One reason for this
effect is that the curvature here becomes relatively smaller.
Another important factor is the secondary flow from the hub to
shroud near the blade pressure surface, as shown in Fig. 14(a).
The secondary flow increases the velocity near the shroud on pres-
sure surface side, and the boundary layer is kept thin, so that the
potential separation of the flow is suppressed.
For the reasons mentioned above, the meridional profile was
modified to have a smaller curvature at the hub. The pattern of
LEHD in the redesigned impeller was also changed to suppress
the flow separation and secondary flow. If the flow enters into the
impeller without any incidence, it is accelerated due to the block-
age effect of the blade, and the boundary layer near the blade sur-
face is very thin near blade LE. A high blade loading
corresponding to a rapid increase in LEHD is posed in this area at
meridional distance from 0 to 0.1 as shown in Fig. 11(b). When
the flow approaches the area of high curvature in meridional pro-
file (at about meridional distance 0.3), the blade is gradually
unloaded to relieve the excessive reverse pressure gradient caused
by high streamline curvature and reduce the possibility of the flow
separation. After that, the blade loading is continuously increased
until meridional distance 0.9, and reduced to zero to meet the
Kutta condition at the TE. These result in a two-step-form LEHD
as shown in Fig. 11(b). And a summary of two-step-form LEHD
is given (i) to pose high loading in the fore part of blade near LE,
(ii) to put low loading in large curvature area, (iii) to increase the
blade loading after passing the large curvature area, (iv) to
decrease the blade loading to satisfy Kutta condition at the TE. It
may be given as a kind of input distribution for the inverse design
of a centrifugal pump. It should be noted that the TE of this rede-
signed impeller is different from that of baseline impeller as
shown in Fig. 1, the TE of redesigned impeller is parallel to the
rotation axis, while that of baseline impeller is skewed with a rake
angle of 45 deg. As shown in Fig. 13(a), the reverse pressure gra-
dient on the pressure surface side of geometry #2 is much smaller
than that of geometry #1. Thus, the flow separation and secondary
flow are significantly reduced as shown in Figs. 12(b) and 14(b),
while there is still a small area of flow separation remaining near
hub on pressure surface side, which leads to a small amount of
Fig. 13 Time-averaged blade loading of geometry #1–3: (a)
span 5 0.1, (b) span 5 0.5, and (c) span 5 0.9
Fig. 14 Relative velocity vector on surface near blade pressure
surface: (a) geometry #1, (b) geometry #2, and (c) geometry #3
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entropy generation in this area. As shown in Figs. 9(a) and 9(b),
the high entropy generation region in geometry #2 only occupies
one-fifth of the blade channel, and its intensity is much smaller
than that in geometry #1. The thickness of the blade is also
decreased in geometry #2 so that the entropy generated in the
wake downstream blade TE is reduced. In addition, as the uni-
formity of the flow out of the impeller outlet is improved, the mix-
ing loss generated in the volute is also reduced. Thanks to the
reduction in loss generation, the efficiency of geometry #2 is
enhanced to 89.6% with an improvement of 3.6%.
To suppress the small area of flow separation mentioned in the
last paragraph, the splitter blades are added to increase the flow
velocity in the area with high curvature. As a result, the LEHD
witnesses an inflection point between meridional distance 0.3 and
0.4, where the LE of the splitter blades lied, and the flow separa-
tion and secondary flow can be principally eliminated in the whole
blade channel as illustrated in Figs. 12(c) and 14(c). And Fig. 9(c)
shows very little evidence of entropy generation in the main flow
field; however, the efficiency improvement is decreased to only
1.6%. This is because the friction effect of blade walls become
more significant, and the reduction of the loss generated in the
main flow field is not able to compensate the increase of the loss
generated by extra friction as a result of the adding wall areas. As
shown in Fig. 13, the rear part of main blade in geometry #3 is
unloaded due to the existence of splitter blade, and the reverse
pressure gradient remains small in the pressure surface side.
In geometry #4, the redesigned impeller is coupled with a single
volute. As depicted in Figs. 9(c) and 9(d), a high entropy genera-
tion region is observed near the tongue area. It seems that the loss
generated in single volute is higher than that in geometry #3,
while the efficiency of geometry #4 is 89.2% compared to 87.6%
in geometry #3. To gain a deeper understanding, the entropy gen-
eration in the volute cross section near tongue area is investigated.
Figures 9(e) and 9(f) show the entropy generation in cross section
A and B indicated in Figs. 9(c) and 9(d). It can be seen that two
regions of more intense entropy generation instead of one are
observed near the tongue in geometry #3, and they locate symmet-
rically about the midspan plane so that the entropy generation
shown in midspan plane is rather small. After a series of improve-
ments, in geometry #4, the head requirement is satisfied and the
efficiency is improved by 3.2% compared to geometry #1.
4.4 Unsteady Pressure Field and Radial Forces. The stand-
ard deviation of pressure fluctuations is introduced to represent
the intensity in the flow field. It is normalized by the dynamic
pressure associated to the peripheral velocity at the impeller out-













where N is the number of time steps in one impeller revolution.
Subscript i means the ith time step, p(x, y, z, ti) is the static pres-
sure in location (x, y, z) at ith time step, and p is the time-
averaged static pressure in this location.
Figure 15 shows the standard deviation of static pressure coeffi-
cient on the midspan of the volute in the four geometries. As can
be observed, the Cpsd distribution shows a modulated pattern char-
acterized by local maxima and minima. It should be noted that
this distribution is irrelevant to the relative position of blade and
tongue at a certain time. The distance between maxima or minima
has a close relationship with the distance between adjacent blades.
It is shown in Fig. 15(c), where the TE of the splitter blade is not
placed with equal distances between two adjacent main blades,
the distribution of local maximum is consistent with the location
of impeller TE as indicated by the blade profile in midspan of the
impeller. This modulated pattern is also observed by Barrio et al.
[23] at the outlet of a centrifugal impeller with single volute. As
stated by Barrio et al. [23], the modulation is the combined effect
of impeller–tongue interaction and local pressure changes induced
by the passage of impeller blade in front of the measured location.
In centrifugal pump with double volute, two interference sources
instead of one can lead to a more intensive modulated fluctuation
due to the superposition of correlated waves from two sources
compared to that with single volute.
The Cpsd in geometry #2 is higher than that in geometry #1 due
to the high skewed TE (with rake angle 45 deg) of the impeller in
latter geometry, as shown in Fig. 1. The skewed TE can distribute
the blade–tongue interaction over a longer time interval so as to
obtain a low fluctuation level in the volute. But lower pressure
fluctuations in volute may not lead to lower pulsation of radial
forces.
The radial forces were obtained by integrating the instantaneous
pressures and shear stresses on all the impeller surfaces (blades,
hub, and shroud) at each time step. The radial forces are dominant
by the rotation frequency (RF) and blade passing frequency
(BPF). Figures 16(a) and 16(b) show the comparison of vector
diagram of normalized unsteady radial forces in four geometries
at the RF and BPF. The normalized unsteady radial forces at the
RF were obtained after filtering and selecting the RF component
of the radial forces, and the normalized unsteady radial forces at
the BPF were obtained by similar process. Figure 16(c) shows the
statistics of normalized total unsteady radial forces, and the mean
and maximum values of normalized total unsteady radial forces



















where N is number of time steps in one impeller revolution. Sub-
script i means the ith time step. Cf is the mean value of
Fig. 15 Standard deviation of static pressure coefficient on
midspan of volute: (a) geometry #1, (b) geometry #2, (c) geome-
try #3, and (d) geometry #4
Journal of Fluids Engineering JANUARY 2017, Vol. 139 / 011101-9
Downloaded From: https://fluidsengineering.asmedigitalcollection.asme.org on 07/02/2019 Terms of Use: http://www.asme.org/about-asme/terms-of-use
normalized total unsteady radial forces, Cfmax is the max value of
normalized total unsteady radial forces. Fx(ti) and Fy(ti) are x and
y components of radial force at ith time step, respectively. FxðtÞ
and FyðtÞ are time-averaged x and y components of radial force,
respectively. In the following analysis, the word “normalized” is
omitted for simplification.
As depicted in Figs. 16(a) and 16(b), the trace of unsteady
radial forces at the BPF in geometry #2 is smaller than that of
geometry #1, while the trace of unsteady radial forces at RF
becomes larger. As shown in Fig. 16(c), the mean and max values
of the total unsteady radial forces in geometry #2 become smaller,
generally indicating a lower radial force pulsation.
In geometry #3, the added splitter blades can lower the pressure
fluctuations in the volute and can reduce unsteady radial forces at
the RF and BPF simultaneously, which results in smaller mean
and max values of total unsteady radial forces.
In the redesigned volute in geometry #4, the form of the single
volute is adopted to avoid the intense modulated pressure fluctua-
tion, and the inlet width of the volute is decreased to obtain a
larger radial gap still keeping the similar cross-section area as the
double volute. As can be seen in Figs. 15 and 16, the pressure fluc-
tuations in geometry #4 are much smaller than the baseline pump,
and the trace of unsteady radial forces at the BPF is much smaller,
but that at the RF is a bit larger so that the mean and maximum
values of total unsteady radial forces in geometry #4 are only 30%
and 26.5% of the values for the baseline pump.
5 Conclusions
In this study, a double volute centrifugal pump with relative
low efficiency and high vibration was redesigned to improve the
efficiency and reduce the unsteady radial forces with the aid of
unsteady CFD analysis.
The concept of entropy generation rate is proposed to evaluate
the magnitude and distribution of the loss generation inside the
pump. It is found that the wall frictions, wakes downstream the
blade TE, flow separation near hub on pressure surface side, and
mixing loss in volute are the four main sources leading to signifi-
cant entropy generation in baseline pump. In the redesigned
model, the entropy generation near the hub on pressure surface
side is diminished and the loss in the volute is also reduced, while
the loss generated by wall friction is increased with the blade
number increasing. In general, the entropy generation rate is a
useful technique to identify the loss sources and it is really helpful
for the redesign and optimization of pumps.
The LEHD obtained in viscous flow is proposed to evaluate the
flow on constant span stream surfaces from the hub to shroud. It is
found that Kutta condition is not necessarily satisfied at blade LE
in viscous flow. A two-step-form LEHD is recommended to sup-
press flow separation and secondary flow near the hub on pressure
side of the blade in a centrifugal impeller. The impeller is rede-
signed with two-step-form LEHD, and the splitter blades are
added to improve hydraulic performance and to reduce unsteady
radial forces.
In unsteady flow field, more intensively modulated pressure
fluctuations are observed in double volute due to the superposition
of correlated waves from two blade–tongue interaction area. High
pressure fluctuations in the volute may not lead to high pulsation
of radial forces in the impeller. A single volute with larger radial
gap between blade TE and tongue is designed to diminish strong
blade–tongue interaction and to avoid the intensively modulated
pressure fluctuation in double volute.
The redesigned pump of redesigned impeller with splitter
blades and single volute geometry can improve the efficiency by
3.2%. The pressure fluctuation in the volute is significantly
reduced and the mean and max values of total unsteady radial
force are only 30% and 26.5% of the values for the baseline
pump.
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Nomenclature
Cf ¼ force coefficient
Cpsd ¼ standard deviation of pressure fluctuation
F ¼ radial force
g ¼ gravitational acceleration
G ¼ radial gap between impeller outlet and volute tongue
H ¼ head
Ht ¼ theoretical head
L ¼ angular momentum
m ¼ streamwise direction
N ¼ number of time steps in one impeller revolution
p ¼ pressure
Q ¼ volumetric flow rate
r ¼ radius




U ¼ peripheral velocity
V ¼ absolute velocity
W ¼ relative velocity
x, y, z ¼ spatial distance
Zb ¼ number of blades
g ¼ efficiency
l ¼ dynamic viscosity
lt ¼ turbulent viscosity
q ¼ density
r ¼ entropy generation rate per unit volume
sij ¼ viscous stress tensor
x ¼ angular velocity
Subscripts
d ¼ design flow rate
i ¼ component in the i direction, ith time step
j ¼ component in the j direction
m ¼ component in the meridional/streamwise direction
x ¼ component in abscissa
y ¼ component in ordinate
1 ¼ impeller inlet
2 ¼ impeller outlet
h ¼ component in the circumferential direction
Superscripts
___ ¼ Reynolds averaged, or time averaged, or circumferential
averaged
þ ¼ pressure surface side
- ¼ suction surface side
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